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The present work relates to the thermal control by natural convection of the electronic assemblies con-
tained in confined spaces. We have performed a numerical and experimental study to determine the ther-
mal behaviour in a cavity where the electronic assembly is a wall made of discrete hot sources under
dynamic operation. The treated cavity is an air-filled cube that consists of two active opposing walls con-
nected by a channel. The channel is adiabatic and the two active walls are the responsible of the natural
convection flow inside the cavity. The cold wall is maintained isothermal at temperature T.. The second
active wall consists of 5 bands of which 3 are heated and maintained at Ty, separated by 2 other adiabatic
bands. The active walls can be vertical but they can also be tilted an angle « respect to the gravity direc-
tion. Calculations in steady-state regime are carried out by means of the finite volumes method. The
dynamic and thermal aspects are examined for several configurations obtained while varying the differ-
ence of temperatures AT = Ty, — T. and the inclination angle of the cavity. This study covers a wide range
of Rayleigh number Ra going from 10° to 3 x 10% and inclination angles o between 0° and 360°. The
results can be applied in particular to the field of airborne electronics, which is affected by specific ther-
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mal conditions.
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1. Introduction

Thermal transfer by natural convection is often opportune in
cooling electronics given the requirements of avoiding the associ-
ated operation sound noise. The standards in this field are normally
reached when the heat transfer is done by natural convection,
which does not imply noisy external mechanical devices such as
ventilators or pumps used in forced convection. In addition to
the noise and the electromagnetic pollution that they can produce,
these mechanisms increase the cost and maintenance of the equip-
ment. They also intervene on the reliability of the assemblies and
require an energy contribution for their operation. Natural convec-
tion is thus a mode of heat exchange that respects the environmen-
tal standards by an optimization of the power consumption. Both
the stationary and transient natural convection has been the sub-
ject of an abundant scientific production over the last decades
and the publications, covering several domains of application, are
counted by hundreds. Most of the recent works are numerical
and take profit of the new developments of numerical resolution
methods and their reliability. This tendency is also favoured by
their lower cost in comparison with the experimental approaches
together with a higher speediness in solving problems. However,
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for certain geometrical and thermal configurations, and for con-
fined surroundings in particular, measurements reveal to be
unavoidable so that experimental set-ups should be developed to
validate numerical models not yet confirmed by the scientific
community.

In the present numerical and experimental work, we are inter-
ested in the heat exchange taking place in closed cavities filled
with air. The treated cubic cavity consists of two active walls that
are opposite each other and an adiabatic channel constituted by
the four remaining walls. The active walls generate the natural
convection flow inside the cavity. One of them (cold) is isothermal
at temperature T.. The second one (hot), consists of 5 bands includ-
ing 3 at temperature Ty, separated by 2 adiabatic bands. It repre-
sents an electronic board having discrete power sources arranged
in rows. The active walls can be vertical or tilted an angle o respect
to the gravity direction.

We find in the literature some articles on natural convection
with different configurations of discrete hot sources on active sur-
faces. Let us quote, among others, the work of Heindel et al. (1996)
who consider the case of an active hot plate made up of a discrete
arrangement of 3 x 3 sources and an isothermal cold plate laid out
in parallel. That experimental and numerical work compares the
effectiveness of the heat transfer with and without fins on the
hot plate, according to its orientation with respect to gravity direc-
tion, and obtains the equivalent thermal resistance in each case.
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Nomenclature

a thermal diffusivity of the air (m?s~1)

C specific heat (J kg~ ! K1)

g acceleration of gravity (m s—2)

hy; mean convection coefficient of the ith hot band for an
angle oo (Wm—2 K1)

H height of the cavity; distance between the hot and cold
walls (m)

H height of a hot band; H' = H/5 (m)

k,n coefficient and exponent in the correlations of the type
Nu, = kRa" (-)

Nu,; average calculated Nusselt number of the ith hot band

o for an angle o (-)

Nu,, average calculated Nusselt number over the hot wall for
an angle o (-)

Nuy, average correlated Nusselt number over the hot wall for
an angle o (-)

Nu,n;  average measured Nusselt number of the ith hot band

for an angle o (-)
Uym average measured Nusselt number over the hot wall for
an angle o (-)
pressure (Pa)
dimensionless pressure (-)
conv power exchanged by convection at the hot wall (W)
cond power exchanged by conduction through the channel of
the cavity (W)
Pgiob global power exchanged at the hot wall (W)

~ oS,

Prad power exchanged by radiation at the hot wall (W)
Pr Prandtl number (-)

Ra Rayleigh number based on distance H (-)

R? correlation coefficient of least square fit (=)

S; area of the ith hot band (m?)

T local temperature of the fluid (K)

Tc temperature of the cold wall (K)

Th temperature of the active bands of the hot wall (K)
T dimensionless temperature as defined by (12) (-)

u, v flow velocity components in x and y directions, respec-
tively (ms™1)
u', v dimensionless flow velocity components in x and y

directions, respectively (-)
1% flow velocity; V = vu2 +v2 (ms™!)
Vinax maximum flow velocity (ms™')
%4 reduced velocity Vs = V/Vax (=)
cartesian coordinates (m)

XYz
x dimensionless cartesian coordinates (-)

V. Z

Greek symbols

o angle of inclination of the cavity (°)

B expansion coefficient of the air (K™1)

AT difference of temperatures AT =Ty, — T, (K)
v? 2D cartesian Laplacian

en global infrared emissivity of the hot wall (-)
&c global infrared emissivity of the cold wall (-)

global infrared emissivity of the passive walls (-)

heat flux density dissipated at the ith hot band (Wm™2)
thermal conductivity of the passive walls (Wm™! K1)
thermal conductivity of the air (Wm~'K ~1)

dynamic viscosity of the air (Pas)

density of the air (kg m~3)

SE NS

Hsu and Hsu (1997) also examine the convective exchanges in a
cavity which is thermally identical to that previously mentioned.
They illustrate, for micropolar fluids, the influence of the dimen-
sions and separation of heaters on the Nusselt number. The theory
of Eringen (1964) permitted a better understanding of the non-
Newtonian behaviour of certain fluids such as the liquid crystals
and the ferro-liquids. The air, often less effective from the thermal
transfer point of view, is nevertheless preferred in the applications
given the simplicity of its implementation, the low cost of the ther-
mal regulation systems and its thermo-electric compatibility. The
electronic devices of medium and high power often require liquid
coolants as analysed Bar-Cohen (1991) and Peterson et al. (1990).

Convection in rectangular cavities having a discrete arrange-
ment of 3 x 3 heat sources was studied numerically in 3D by Tou
et al. (1999) for fluids in liquid phase characterized by Prandtl
numbers between 5 and 130. They treated a wide range of Rayleigh
numbers and show that the discrete elements do not exchange
heat uniformly as well as the flow structure is strongly affected
by the characteristics of the treated configuration. Always with
the same structure of the hot plate but this time tilted respect to
gravity field, Tou and Zhang (2003) present the dynamic and ther-
mal fields resulting from a 3D numerical study and show how are
affected by the Rayleigh number, the angle of inclination, the Pra-
ndtl number and the cavity aspect ratio. When the hot wall is lo-
cated at the bottom of the cavity and the cold one is at the top,
the convection is of the Rayleigh-Bénard type. This particular
arrangement with either an isothermal hot wall or having discrete
sources has been examined in several works, as in Pallares et al.
(1995), Sezai and Mohamad (2000) treated the Rayleigh-Bénard
convection with a rectangular single source laid out in a parallel-
epipedic cavity, and they present an analysis of the dynamic and

thermal fields according to the Rayleigh number and the relative
size of the power source. Deng et al. (2002) studied a similar situ-
ation with two power sources of different sizes and locations, laid
out on the lower wall of the cavity.

Frederick and Quiroz (2001) studied the heat exchanges in a cu-
bic cavity with a centred square source in the vertical hot wall.
They present the evolution of the Nusselt number according to
the Rayleigh number in laminar flow and the criteria of transition
between the conductive mode and the convective one. Other works
state diverse distributions of the hot sources applied to right cavi-
ties (vertical active walls) as in da Silva et al. (2004), da Silva et al.
(2006). The authors consider several scenarios consisting of heat
source arrangements with different separations. They show that
the distribution of heaters is essential to optimize the total thermal
conductance of the enclosure. In addition, they propose correla-
tions and recommendations for the heat exchange optimization
between the heat sources, laid out on a vertical plate, and the envi-
ronment. The exchanges in these enclosures take place primarily
by natural convection, but several studies showed the importance
of the radiative exchanges. For certain geometrical and thermal
configurations, radiation can be of the same order of magnitude
as convection, sometimes even higher, as shown by Bairi et al.
(2005), Bairi et al. (1984). This fact was also pointed out by Bouali
et al. (2006), Chen et al. (2006) and more recently by Sieres et al.
(2007).

Our work treats the steady-state natural convection in specific
cubic cavities whose hot wall consists of three heated bands, sep-
arated by two adiabatic ones. We examine, both numerically and
experimentally, the dynamical and thermal fields for several con-
figurations. This study supplements the results in the literature
by exploring a new geometrical and thermal configuration associ-
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ated with a broad range of Rayleigh numbers going form 10 to
3 x 108. The pure convective exchanges are obtained from the total
heat transfer by subtracting the radiative exchanges. Part of our re-
sults has been compared with those of previous works and we find
that the differences are small in most cases. This work is applied to
the particular field of airborne electronic assemblies, which are af-
fected by specific thermal and geometrical configurations.

2. Physical model treated

The objective of our study is the steady-state natural convection
generated by two active walls, hot and cold, inside a cubic air-filled
cavity. The active walls are facing each other and can be inclined at
an angle o respect to the vertical. The cold wall is maintained iso-
thermal at T, while the hot wall consists of superimposed bands
alternately adiabatic and heated at temperature Ty. They are num-
beredas 1 (0<y ' <1/5),2(2/5<y <3/5)and 3 (4/5<y < 1)in
Fig. 1. This model reproduces the thermal conditions of a computer
case containing active components set out in raws separated by
insulated bands. The four other cavity walls are considered to be
adiabatic. Under these conditions, the steady-state flow can be
considered as 2D, what lead us to treat the simplified model dis-
played Fig. 1.

3. Experimental approach

A view of the experimental assembly used in our work is shown
in Fig. 2a. The studied cubic cavity has an inner side of H =350 mm.
The hot wall of the cavity represented in Fig. 2b consists of two dif-
ferent zones:

(i) A zone denoted as ‘useful’ on which measurements are
taken. It consists of five superimposed bands from which
three active are separated by two adiabatic ones. Each active
band consists of five independent square juxtaposed resis-
tances of side length H" = H/5. All this electrical resistances
are equal (within a 1% accuracy) and are connected in a ser-
ies-parallel assembly. On each of them, the surface temper-
ature is measured in three points by means of
thermocouples crossing from the back towards the inner
face of the plate. The thermocouple junctions are carefully
stuck on the internal face of the wall so as not to disturb
the flow near the wall. By means of a PID multichannel reg-
ulator controlled by a computer, these thermocouples are
used on the one hand to check throughout the experiment
the surface isothermality of each band, and on the other
hand to control the temperature. In measurement mode,
the arithmetic mean of the three temperatures is taken into

adiabatic band
H’

adiabatic band

account for each element after checking that the maximum
deviation is below 0.1 °C. Temperature is also measured in
four points along the surface of each adiabatic band. During
the experiment, these bands are isothermal within +0.1 °C
and we take into account the arithmetic mean of the four
temperatures.

(ii) A zone of guard laid out all around the useful zone, indepen-
dently controlled to avoid the side losses. The channel of the
cavity overlaps on this zone. As in the case of the useful part,
the electrical resistances are independent and assembled in
series-parallel. The temperature is measured in several
points and we make sure that isothermality is reached
within $0.1 °C in steady operation.

The power necessary to impose the desired temperature Ty, in
each active band as well as the time necessary for reaching the
steady state depend on the combination (o, AT). Since we study
the average convection exchanges in 2D, only the total density flux
is measured in this work. The back face of the plate is well insu-
lated with slabs of extruded polyurethane of 3 x 40 mm in thick-
ness (thermal conductivity measured in the laboratory;
Jp=0.028 +0.005 Wm ™' K™!). To keep a uniform temperature on
the hot bands is particularly delicate to realize. This experimental
difficulty is different from one case to another given the particular
flow established for each configuration. It was necessary to set up a
PID regulation with different adjustments depending on the geo-
metrical and thermal configuration considered. The proportional
loop does not have, in general, a strong influence on the regulation;
however, the differential and integral ones play a crucial role to en-
sure the isothermality of the heated bands. The integration time is
small in most cases, about 0.1 s for Ra bigger than 4 x 10°.

The cold wall consists of a copper plate of 3 mm in thickness
with a copper coil welded onto its back face. A circulation system
controls the flow rate of the coolant driven inside the coil. The tem-
perature of the cold plate can be imposed with a precision of
10.1 °C in the range from —50 °C to +80 °C by means of a controlled
bath using a cryostat and a heating electrical resistance. The tem-
perature of the cold plate is measured in three points, being easy
and quick in this case to reach a uniform value. In our experiments,
the temperature of the cold plate is fixed at T. and the power dis-
sipated in each of the 3 hot bands is adjusted to obtain the desired
temperature T, by ensuring the difference of temperatures
AT =Ty, — T.. The inner surface of the cold wall is coated with an
aluminized adhesive film in order to reduce the radiative
exchanges.

The channel of the cavity is made of extruded polyurethane
slabs of 60 mm in thickness. Preliminary measurements showed
that this thickness is sufficient. Definitely, the maximum change
between the thermal measurements taken with thicknesses of

Fig. 1. The treated cavity.
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Fig. 2. (a) The experimental assembly; (b) the active hot plate.

60 mm and 80 mm is lower than the uncertainty associated to the
measurements. The low conductive heat exchange surface and a
good sealing application partially explain this fact. The tempera-
ture of the walls is measured every 40 mm over the central lines
y"=0,y" =1, and on one of the two lateral walls (z' = 1). Measure-
ments are made both on the internal and external faces of the
channel. That makes a total of 48 values which are exploited to
determine the radiative exchanges within the cavity (from the 24
inner ones) and the conductive losses through the walls.

The block formed by the hot plate, the cold plate and the chan-
nel is assembled and laid on a frame, which can rotate around a
horizontal axis. This allows changing the inclination angle o be-
tween 0 and 360 degrees. The temperature of the inside air is mea-
sured at 2 cm from each active wall, over the median axis. A simple
statistical treatment of these data allows us to have some indica-
tion on the nature of the fluid flow for each configuration. The
air temperature of the environment outside the cavity is also mea-
sured in three points.

The whole set of 0.1 mm K-type thermocouples, connected to a
fast data acquisition system controlled by a computer, permits to
measure the thermal state of the cavity. All the measurements
(temperatures and global heat flux densities) are made in steady-
state regime, when fluctuations in temperature are lower than
0.5%.

We search in this work for the contribution of natural convec-
tion to heat exchange in the cavity. The flow transferred by convec-
tion Peony is deduced from the measured total power Pgqp that is
the sum of three components

Pglob = Pcunv + Prad +Pcond (l)

where P;.q is the flux exchanged by radiation and P4 the flux ex-
changed by conduction through the walls of the channel and the
back of the hot plate. We have definitely shown that radiation can-
not be neglected in cavities even if the temperatures considered in
our work are relatively low. The radiative contribution to heat ex-
change within the enclosure is determined by the well-known radi-
osity method, considering the air as a transparent medium and all
the internal surfaces as grey (details are given in Bairi et al.
(2005)). In these calculations, the useful part of the hot wall is

formed by 17 elements: 5 on each of the 3 active bands and 1 for
each separating one. The cold wall is represented by a single ele-
ment. The channel of the cavity is broken up in 24 elements corre-
sponding to 8 sections each one made up of three elements: y =0,
¥y =1andz = 0. The calculation of P,q is associated to the measured
temperature field as well as to the global infrared emissivities of all
the internal elements of the cavity. The values of these emissivities
have been measured in the laboratory using a special installation.
We obtained &, = 0.830 £ 0.042, ¢ =0.080+0.012 and &, = 0.600 *
0.030 for the hot, cold and channel (insulating) walls, respectively.
The results of our calculations confirm prior studies (Bairi et al.,
2005; Bairi et al., 1984; Sieres et al., 2007). Radiative exchanges
on the hot plate can be smaller, nearly identical or greater than
the local convective flux, depending on the treated configuration
(geometry and associated temperature field).

In addition, and although the back of the hot plate is thermally
well isolated, we systematically sought the losses at the back of the
hot plate by taking into account the real temperature distributions
on the inner and outer faces of the channel. These calculations are
carried out by means of the linearised Fourier law. We have exper-
imentally checked the results for the particular case of a vertical
cavity (o =0). A symmetrical internal flow is obtained by means
of a symmetrical assembly made up of two identical channels lo-
cated at both sides of a double-faced hot plate. Both cavities are
shut with identical cold plates, traversed in parallel by the same
thermally controlled coolant to impose the desired temperature
T.. Under steady-state conditions, the thermal field in the cavity
is measured as well as the power necessary to maintain the active
hot bands at temperature Ty, Details of this experiment are given in
Bairi et al. (2007). We find out that the conductive losses Pconq
through the walls represent less than 1% of the total exchange on
average for all the treated cases. The maximum registered diver-
gence is about 2% obtained for an adverse configuration
(AT=70°C and o = 0°). These uncertainties are within the margin
of error estimated for the Nusselt number. The error calculation
was performed by using the standard techniques based on the dif-
ferentiation of sought magnitudes and the comparison with the
physical parameters measured along the experiment. The details
of the calculations based on experimental uncertainties are given



A. Bairi et al. / International Journal of Heat and Fluid Flow 29 (2008) 1337-1346 1341

in Bairi et al. (2007). The maximum experimental error for Wam
and Nu,,, allowed in this work is 7%.

The adjustment of the power supplied to each active band dur-
ing the tests also permits to investigate the change from the pure
conductive mode through the fluid layers (Nusselt number close
to unity), to the convective mode. The same conductive mode
has been analysed when the hot wall is located in the top
(o0 =270°).

The heat power P, exchanged by natural convection within
the cavity is obtained from the thermal balance (1) for each active
bandi=1,2,3, being Pgop known from the measurements of the lo-
cal intensity and voltage.

This allows us to obtain

(i) the mean convection coefficient h,; for each active band i,
associated to a given angle o

- P,

h,; = ﬁ} ; 1i=1,2,3 2
= smem), | 2
(ii) the average measured Nusselt number Nu,,,; of the ith hot

band for an angle «

— hH .

Nty = 12123 3)

(iii) the average measured Nusselt number Nu,, over the hot
wall for an angle «

3
Niin =3 > N 11,23 @)
i=1

4. Mathematical formulation

The governing equations of the treated problem are
Continuity equation
our ov'

o Ty T ©)

where x’, y" are the dimensionless cartesian coordinates, u” and v’
are the dimensionless velocity components defined as
X y u v

Loy =2 = y=— 6
H' y H’ u a/HH v a/H/ ( )

%

X =

being a the thermal diffusivity.
Momentum equations

ou ou H%g (op*
u* az* v a; - _a—zg (af:* + cos a) + Prv2u* + RaPrT* cos o
v v Hg

u

v = _©°
ox* + ay* a2

(25* —sin oc) + Prv2v* — RaPrT” sino.

(7)
Energy equation

T T,
V= VT 8)

where V2u', V2" and V2T are the 2D cartesian Laplacian of u’, v*
and T defined as

aZU* aZH* 62V* aZV*
206 . 2.6 .
Vaur = ox*2 + @y*z ’ Viv' = Ox*2 + ay*Z ’
aZT* aZTx
2

The Rayleigh Ra and Prandtl Pr numbers are

3
na A
The dimensionless pressure is
p

£ _ . 11
P =g (11)
and the dimensionless temperature is defined as

. _T-T.
Ti - Th _ Tc (12)

The air is assumed to be isotropic and all its properties are evalu-
ated at the mean temperature of each control volume.
The thermal boundary conditions for the treated case are

[sothermal discrete sources at hot wall:
1= 1

.
(TX*=0)0<Y*<%; gy < drg

Adiabatic bands between the discrete sources at hot wall:

()i
0X* ) o < <t

Isothermal cold wall:
[T*]x*:l = 0

Adiabatic channel walls:

<ﬂ> _0
W/ yzo. y=1

No-slip condition at the walls:
(u*)x*:O: xe=1; yx=0; yx=1 — 0

(V*)x*:o: x'=1; y*=0; y*=1 =0

The distribution of temperatures makes it possible to calculate the
average Nusselt number on each of the 3 active bands and for each
angle o

— oT”
SNER :
! X ) woli ic123 )

The average Nusselt number ﬁd is then calculated over the hot
wall

Nu, =

W =

3
> Nuy, (14)
i=1

These calculated values of ﬁx are used to formulate correlations of
the type Nu, = k.Ra" and to compare them with the measured val-
ues Ny, .

5. Numerical procedure

Calculations are carried out by means of the finite volumes for-
mulation in accordance with the SIMPLE algorithm. The 2D steady-
state convective flow is assumed to be incompressible. In order to
avoid divergence, an important work of research to use the best
under-relaxation factors was necessary. These factors are different
according to whether we are dealing with the thermal or with the
dynamic solution. The solutions for high Ra numbers are obtained
from those of smaller Ra by adopting the opportune precautions
what results in a shorter computing time. That is particularly the
case of configurations with inclination angles 30 < o < 75°, associ-
ated to temperature variations AT > 30 K.

Solutions for high Ra require an elevated number of iterations.
The solutions are assumed to converge when the relative differ-
ence between two successive iterations is lower than 107> for
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the velocities, and 10~ for the temperature. However, to avoid
well-known pseudo-convergences for certain combinations (o,
Ra), the preceding convergence criteria are checked for a twenty,
sometimes about fifty, successive iterations according to the trea-
ted case. The convergence of calculations is fast for low values of Ra
(up to 3 x 10%) but it becomes slower beyond. This remark is valid
for all the treated inclination angles o although the cases o = 90°
(RB convection) and o = —90° (hot wall in the top, stratification)
are more delicate to obtain and require a higher number of itera-
tions. As an example, for Ra =6 x 10°, the iteration count passes
from 350 for 0 < o < 60° to 825 for o = 90°. The studied cases were
not identical in treatment and we cannot establish general rules
neither for the under-relaxation factors nor for the optimum num-
ber of iterations when checking the physical consistency of a solu-
tion. We also sought for the optimum grid based on the Nusselt
number values that we retained as the best indicator. By limiting
to a 3% the maximum acceptable variation of the Nusselt number,
we conclude that the grid must be definitely thinner for large Ra:
about (71 x 71) for Ra=10* and (135 x 135) for Ra =108 With
the aim of not changing the grid for each case and however keeping
the computing time within reasonable values, we retained a grid of
(135 x 135), intentionally selected identical in the two directions x
and y. This grid is not regular, being denser near the active walls to
better take into account the viscous effects and the heat exchange
in the boundary layer. The mesh of the hot wall merited a particu-
lar attention taking into account the difficulties of connection be-
tween two zones with different thermal boundary conditions
(imposed temperature on one side and adiabatic on the other).
The convective transfer is calculated for each source band of the
hot plate through the local thermal gradient.

The radiative exchanges in the cavity were calculated systemat-
ically by the method described above, taking into account the mea-
sured emissivities of the intervenient surfaces and the steady-state
temperature fields. In this numerical study, we adopt the passive
walls to be adiabatic although this hypothesis is difficult to accom-
plish experimentally. Other boundary conditions could have been
taken, such as, e.g. a linear temperature variation considered in
other works. We however checked that, among all the possible
conditions, the assumption of adiabatic walls is consistent with
our physical problem. With the purpose of validating the mathe-
matical and numerical model adopted, a precise calculation of
the losses through the walls is carried out for all the physical con-

a= -30, -150

v

a=0, -180, +180

figurations treated experimentally. Calculations have been done
for several configurations by varying the inclination angle « be-
tween 0° and 360°, in steps of 15°, and Rayleigh numbers between
10% and 3 x 108,

6. Thermal and dynamical fields

Most of the general features of this case are concordant with the
results of former works comparable to present study, in particular
to those where the hot wall is isothermal. For low Ra (Ra < 10%), the
fluid is stagnant almost all over the enclosure, except in the neigh-
bourhood of the hot bands. When the flow is set up, it becomes
more intense in the regions next to the cold wall and the active
bands of the hot wall as Ra increases.

We present, from the numerical simulation carried out, some
results of practical interest. In Fig. 3, the dimensionless tempera-
ture of the fluid T" = (T — T.)/(T, — T.) is presented for a variety of
inclination angles o and AT = 15 °C. These isovalues are shown in
the same figure together with the associated reduced velocity V'
and the  streamlines in order to display the correlation between
the flow and the convective heat exchange. The weakest flow is
observed when the hot wall is located at the top of the cavity
(¢=-90°) which reveals a thermal stratification. When
Ra>6.3 x 10%, the flow intensifies as the cavity is inclined from
such position to o =0° (vertical active walls). The maximum
velocities increase in this range (—90° < « < 0°) and they remain
almost unaffected beyond, i.e when the cavity is inclined until
the active walls go to the horizontal position (o = 90°, heated wall
at the bottom). This aspect differs from the case of the isothermal
hot wall, configuration that we have studied in a previous work
(Bairi et al., 2007). In that case, a velocity increase is generally ob-
served between o =0° and a critical angle beyond which it drops
off until the active walls return to the horizontal (o =90° RB
convection).

A symmetry of the thermal and dynamic fields is observed for
o =90° in the present case. For low inclinations (« < 30°), the clas-
sical stratification of the fluid associated to a quasi-linear vertical
temperature distribution is perceptible. When the hot wall is be-
low the cold one (angles o > 0°), the increase in Ra produces an in-
crease of the maximum flow velocity. The influence of Ra on the
dynamic aspect of the flow starts to be perceptible when the incli-
nation angle goes up to 45° or more.

o= +30, +150 a= +60, +120

Fig. 3. Dimensionless temperature T, reduced velocity V" and streamlines s for several angles of inclination o and AT =15 °C.
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7. Heat exchanges

In general terms, the convective transfer characterized by the
Nusselt number is coherent with the thermal and dynamic aspects
remarked above. For low Ra the exchanges take place primarily by
conduction through the fluid layers, involving a Nusselt number
close to unity. When Ra increases, the isotherms are deformed
showing that the fluid is more and more mixed up within the cav-
ity and the mode becomes convective. For large values of Ra, the
flow extends to the quasi-totality of the volume. This tendency is
clear for values of Ra > 2.1 x 10° and the critical value of Ra corre-
sponding to transition is between 1.2 x 10 and 2.1 x 10°.

7.1. Influence of Ra

For the right cavity, it is noticed that the local exchanges de-
crease systematically while passing from bottom (band 1) to top
(band 3). This can be seen in Fig. 4 with the evolution of the aver-
age Nusselt number Nug; associated to each band. That is because
the fluid coming from the cold area of the cavity approaches the
hot plate by the bottom and, being heated while moving upwards,
it exchanges less heat when reaches the upper band. Consequently
Nuy; decreases as the fluid moves upwards on the wall. This effect
is more pronounced for Ra < 10° because in this range the flow is
limited to the vicinity of the active walls and the top of the cavity
is characterized by a fluid almost at rest. The heat exchange reduc-
tion is clear in these cases reaching ~19% between the bands 1
(lower) and 2 (intermediate), and similarly between bands 2 and
3 (upper). In the range 10* < Ra < 3 x 108, the exchange also de-
crease on average by approximately 10% between two successive
bands as can be seen in Table 1.

The difference between two hot successive bands decrease
when Ra increases starting from the value Ra = 6.3 x 10° (in Table
1 from Ra = 10°) because the fluid, more mixed up, reaches the hot
plate at higher ordinates. The exchanges are more intense at the
intermediate band and a dead zone develops at the bottom of
the hot plate becoming larger as Ra rises so that the lower hot band
is less and less affected by convection. This information is impor-
tant for practical aspects concerning the thermal regulation of elec-
tronic assemblies.

For great Ra values (Ra > 5.8 x 10°), the flow is turbulent. The
exchanges tend now to become almost identical for the three
bands, leading to the small dispersion of the local average Nusselt
numbers seen in Table 1 (about 5% on average). Variations of Nug;
with Ra in the range 5 x 10> < Ra < 3 x 108 represented in Fig. 5
allow us to determine for each band the coefficients k and n of
the usual relations Nug; = kRa". Correlation coefficients R? are
higher than 0.996 in all cases.

Table 1
Differences (in %) between the mean Nusselt numbers Nug; of each band for
10° <Ra <3 x 10°

Ra Bands 1-2 Bands 2-3 Bands 1-3
103 1.8 8.3 9.9
10% 18.8 17.9 333
10° 16.4 17.0 30.7
10° 143 12.8 253
107 6.1 6.5 12.1
108 3.2 4.7 7.7
3 x 108 3.4 4.5 7.7
Average for 10* < Ra < 3 x 108 10.4 10.6 19.5

We also sought for a correlation of the type Nuy = kRa" corre-
sponding to the totality of the hot plate from the mean values ob-
tained for each band Nug = 1377 Nug;.

Taking into account the preceding results, we fixed the expo-
nent at n = 0.290 that will permit a later comparison of the present
results (discrete bands) with those corresponding to an entirely
isothermal hot plate. The value mentioned above was obtained in
a previous study that we carried out for this thermal condition
leading to

(Nuo

We propose the correlation Nug = 0.135Ra%*° (R? = 0.996) for the
situation treated in the present study (discrete hot bands). This rela-
tion is represented in Fig. 6 for 10> < Ra < 3.10® together with the
mean values of Nu,. Deviations between the computed values and
those resulting from the suggested correlation are also given in
Fig. 6. The average deviation in the treated Ra range is small
(~ 4.3%).

Results are compared in Fig. 7 with those of the isothermal hot
plate. Heat exchanges are, on average, 10% smaller for the plate
with discrete bands.

We have also contrasted our results with those of Frederick and
Quiroz (2001) which treated the case of a discrete square isother-
mal source of side s centred on the vertical wall of a right cavity
(a0 =0), the remainder of the plate being adiabatic just like the
channel of the cavity. The cold plate is located respect to the hot
one as in our work. For the comparison, we take the case where
the ratio of the source area to total hot plate area (s/H)? is close
to ours (3/5), which leads to s/H ~ 0.77. The closest value to 0.77
considered by the authors is s/H = 0.7 for which they propose the
correlation Nu = 0.1121Ra®**®*® valid for 10° < Ra < 10”. Nusselt
numbers obtained from (Frederick and Quiroz, 2001) and from
our study are presented in Table 2. The comparison shows an aver-
age difference of about 6.2% which would decrease if we extrapo-

= 0.150Ra®** valid for 10* < Ra < 108

isothermal hot wall —
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Fig. 4. Evolution of Nuy; as a function of Ra for 10> < Ra < 3 x 105
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Fig. 6. Comparison between Nuy and Nup = 0.135Ra®** for 10° < Ra < 3 x 108

late the results of Frederick and Quiroz (2001) to values of s/
H>0.7.

Frederick and Quiroz (2001) compared as well their results for
s/H = 0.7 with those of Fusegi et al. (1991) who propose the corre-
lation Nu = 0.1309Ra®3**° in the range 10°> < Ra < 107 for an en-
tirely isothermal hot plate (s/H=1.0). They conclude that the
convective exchange of the discrete source is about a 20% less on

average than that of the entirely isothermal hot plate, in coherence
with the results of our study.

When the cavity is tilted, we observe the same tendency in the
convective exchange of the three bands than when o = 0°. The ex-
change reduction between two successive bands is however less
marked when o increases. For o=45° and 10% < Ra < 3.10% for
example, the difference between two successive bands is about

100 T T T
1 1 1
: []V70 ]i@othermalhot wall — 0 150R00'290 \
: T T T \\
i I:]V70 ]discrete hot bands — 0 1 35Ra 020 / ~.
0 Nuo
I Ra
T
103 10 105 106 107 108 10

Fig. 7. Average Nusselt number for the hot plate: comparison of (a) isothermal wall; (b) with 3 isothermal heated bands (present work); (c) average Nusselt Nuo. Right cavity

(x=0); 10° <Ra <3 x 108,
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Table 2
Comparison of the average Nusselt numbers calculated in the present work and those
obtained from [Frederick and Quiroz, 2001]

Ra  Ref. [Frederick and Quiroz, 2001] for s/ Present study Difference
H=0.7 Nu = 0.1121Ra®?%%% Nilg = 0.135Ra%?%° (in %)

10° 3.5 3.8 8.1

10° 7.0 7.4 6.2

107 138 14.5 43

Mean difference for 6.2
10° <Ra < 107:

Right cavity (o =0).

Table 3
Deviations (in %) of the average Nusselt values for each band Nuys; for
10> <Ra< 3 x10°

Ra Bands 1-  Bands 2-  Bands 1-
2 3 3
10° 9.2 8.3 16.7
10* 6.2 6.1 11.9
10° 7.1 5.9 12.6
10° 5.9 6.3 11.8
107 6.0 7.0 12.5
108 5.9 7.2 12.6
3 %108 6.3 5.6 11.6
Mean deviation (in %) for 6.2 6.3 12.2

10* <Ra<3 x 108

6.5%, i.e. two times lower than for the right cavity. That implies an
average deviation between the two extreme bands close to 12% as
we can see in Table 3 and Fig. 8. The mean values on the three
bands Nuys are used to get the correlation

Nugs = 0.122Ra*®  (R* = 0.994)

When the hot wall is located at the bottom of the cavity (« = 90°)
and for Ra > 8.3 x 10°, the Rayleigh-Bénard convection goes on
and the heat transfer is almost identical on the three active horizon-
tal bands (deviation lower than 1%).

7.2. Influence of o

Due to stratification, the exchanges are weakest when the
heated wall is located on the top of the cavity (o« = —90°). Remain-
ing the flow very much limited, the Nusselt number is then close to
unity.

In the range 1.5 x 10> < Ra < 2.6 x 10°, the mean exchanges
over the hot plate do not vary significantly when « increases from
0° to 90°. Variations of the Nusselt number remain in fact limited

Table 4
Comparison of the average Nusselt number for o = 0° and « = 45°
Ra Nig = 0.135Ra®?®  Nuys = 0.122Ra®3%®  Deviation Nug — Niigs (in %)
10° 1.00 1.00 0.2
10* 1.95 2.02 3.6
10° 3.80 4.09 6.9
10° 7.42 8.25 10.1
107 14.47 16.65 13.1
108 28.21 33.60 16.1
3x10® 38.79 46.98 17.4
Table 5
Correlations Nu, = kRa" for different ranges of the inclination angle
k n
0<o<30° 0.135 0.290
45 < a0 < 60° 0.122 0.305
o =+90° 0.111 0.302
=-90° 0.597 0.060

to 5% on average in concordance with our former observation con-
cerning the dynamic aspect of the flow. For values of Ra greater
than 2.6 x 10° when « increases between 0° and 45° for example,
variations become more prominent, reaching up to 17.4% for
Ra=3 x 108 (Table 4).

7.3. Correlations Nu, — Ra

We have extended our calculations to the entire set of cases
presented above and found correlations of the type Nu, = kRa".
The values of the coefficient k and the exponent n are listed in Ta-
ble 5. The correlation coefficient R? of the least squares fit is always
better than 0.994, except for &= —90° (R? = 0.990).

It is very difficult to assess the margin of error for these values
obtained through simulation. Such question has been stated by
numerous authors working in CFD and is particularly true in the
field of numerical natural convection. Although there are some rec-
ommendations given in Marchi and Silva (2005) or in Celik et al.
(1993), to compare the calculations against measurements is, from
our point of view, the most plausible way of estimating the accu-
racy of numerical results. This procedure adopted in the present
work by accompanying the measurements with systematic error
analyses according to the known standard methods. After having
examined the totality of our results, we find out that the average
deviation between the measured values and those provided by
the correlations is of about 5%. This figure is valid for configura-
tions characterized by rather important flows, involving Nusselt
numbers large enough to be accurately measured (total power

100
— — %
I Nuys =O.122Ra0‘305
o Nuus,
. mu,z >/“/
10 § x m45,3 —
1 Ra
103 104 10° 106 107 108 3 10°

Fig. 8. Values of the average Nusselt number for each band Niuys; with the cavity inclined at 45° (10° < Ra < 3 x 10%).
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Fig. 9. Comparison calculations-measurements for o = 0, 45° and —90°.

relatively high). In Fig. 9, we can appreciate the concordance be-
tween the calculated and measured values of the average Nusselt
number for oo=0° 45° and —90°. Larger discrepancies between
measurements and calculations of about 9% correspond to high
values of Ra associated with positive inclination angles o > 45°.
For such thermal configurations, the passive walls undergo a more
intense flow involving higher conductive exchanges with the
external environment than in other cases. It is therefore normal
that deviations become larger given the assumption of adiabatic
channel in the numerical model which is difficult to strictly fulfil
in the experiments. Important deviations, reaching up to 18% for
some Ra values, are associated with the cavity at o = —90°, when
the fluid stratification lead to small Nusselt numbers and therefore
to sensibly higher relative errors.

8. Conclusion

Convective exchanges in inclined cubic cavities where the hot
plate consists of alternate isothermal and adiabatic bands have
been studied for a broad range of Rayleigh numbers and several
inclination angles. Numerical results have been compared with
experimental measurements and deviations encountered are
slight. Differences between the calculated and measured Nusselt
numbers are of 5% on average, which is within the margin of the
experimental and numerical uncertainties. The temperature distri-
bution on the passive walls originated by the natural convection
flow has the same aspect in both cases and the computed values
differ from the calculated ones only in about 0.4 °C on average.
Comparisons between our results and other published works have
been drawn and show a good concordance. In general terms, heat
exchanges occurs with different intensity on the three heated
bands, but this difference tends to disappear when the angle of
inclination « increases and for high Ra values. We find out that heat
exchanges are 10% lower on average than those corresponding to
cavities with an entirely isothermal hot plate. For a given angle,
the exponents in the Nu-Ra relations are essentially the same for
both quoted configurations and they only differ in the multiplying
coefficient. We propose correlations of the type Nu-Ra useful to the
engineers in charge of the sizing and designing of cases containing
electronic components under particular thermal conditions.
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